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PERFORMANCE STUDY OF A GAS TURBINE POWER PLANT
USING SECOND LAW ANAIYSIS

By
Akram Mahmoud Musa

. Supervisor
Professor Mahmoud Hammad
N University of Jordan

ABSTRACT

Gas turbine engines are niost generally known for their use in aircraft, but
recently they received great attention since they are high power output machines with

small weight to power units, furthermore they can be easily used for commercial and
military applications.

The present work is concerned in the thermodynamic analysis of a gas turbine
power plant. The analysis includes both first and second laws of thermodynamics. In
order to simulate the gas turbine cycle, a computer program is developed to predict

the general performance and to calculate thermodynamic properties of the studied

engine.

The effect of design parameters on the turbine performance was studied. In
addition the specific fuel consumption, first law efficiency, second law efficiency,
components effectiveness and irreversibility losses through each component of the
system at different operation conditions are obtained. A first law efficiency of about
24% and second law efficiency of about 36% was found fore a turbine inlet
temperature of 1200 K and compressor pressure ratio of 5. Also it is found that the
combustor is the major source of irreversibility loss, where the losses account for

nearly 40-60 % of the cycle losses.

Therefore, the second law analysis of gas turbine may be use as a guide to
reduce the sources of irreversibilities when designing the gas turbine components.

Furthermore, this analysis enables the location and magnitude of all losses to be
identified,
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1. INTORDUCTION
1.1 Background

Gas turbine is a heat engine that accepts and rejects heat and produces work. The
input heat is usually in the form of fuel that is burned, but may also come from another
pi‘ocess via a heat exchanger. The rejected heat is usually in the form of hot engine—
exhaust flow released to atmosphere, but may also be rejected to another process via a

heat exchanger. The work may be given as an output torque in a rotating shaft.

Gas turbine technology is witnessing continuous advances in its major compoients,
This thesis concern with gas turbine power plant as a source of power that can be used
in different applications. This was accomplished by studying the open cycle gas turbine
bascd on the first law of thermodynamics as well as the second law analysis using a

computer program to calculate the performance and design parameters at different infet

condilions.
1.2 Brief History of Gas Turbine Development

Gas turbine engine has a long and frustrating history. The use of a turbine driven by
the rising flue gases above a fire dates back to Hero of Alexandria in 150 B.C., and the
Chinese were operating windmills at about the same period Harman, (1981). It was not
until A.D. 1791 that John Barber patented the forerunner of the gas turbine, proposing

the use of a reciprocating compressor, 2 combustion system and an impulse turbine,

After many attempts the first successful dynamic compressor was Rateau’s
centrifugal type in 1905, Three assemblies of these, with a total of 25 impellers in
series giving an over-all pressure ratio of 4, were made by Brown, Boveri and used in
the first working gas turbine en_gine, built by Armengaud and Lemale in the same year,

The exhaust gas heated a boiler behind the turbine to generate low-pressure steam,
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which \\I'aS directed through turbines to cool the blades and augment the power. Low
component efficiencies and flame temperature (828K) resulted in low work output and
an over-all efficiency of 3%. By 1939, the use of industrial gas turbines had become
well established. A Hungarian engine with an axial flow compressor and turbine used
regeneration to achicve an efficiency of 21%. But this time there was a wide variety of

configurations made by numerous British, American and German companies.

While the serious development of the gas turbine began no long before the Second
World War with shaft power in mind, but attention was soon transferred to the turbojet
engine for aircraft propulsion. The gas turbine began to compete successfully in other
fields only in the mid nincteen fifties, Cohen, (1996) however since then a progressively

greater impact in an increasing variety of applications, has been made.

1.3 Applications for Gas Turbine Engines

Gas turbine engines are most generally known for their use in aircraft but they are
also used in surface transportation and increasingly in stationary applications, The latter
field encompasses the greatest variety of configurations and purposes and is still

expanding, whereas the aviation field is consolidating. The main applications for gas

_ turbines are summarized as below:

I. Engines for aircraft.

2. Engines for surface transportation.

3. Applications in electricity generation.

4. Oil and gas industry.

3. Combined cycles and cogeneration.

6. -Usagc or utifiztion for the exhaust gases.

7. Chemical and process industry Applications.
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1.4 Importance of Iigh Speed Gas Turbines

High speed gas turbines produce small units of high output, and they can be easily

moved and used for commercial and military applications.

1.5 An Open Cycle Gas Turbine

A gas turbine enigne consists of : a compressor, which continuoulsly compresses
gas from a low pfessure to a higher pressure; a heater or heaters, in whichthe
temperature of the compressed gas is raised; an expander which continuously expands
the hot gas to a lower pressure; and a cooler or cooling system, in which the temperature

of the gas is reduced to that established for the compressor inet.

In the open cycle there is no engine cooling The gas entering the compressor is
atmospheric air, and the hot gas leaving the expander or the heat exchanger is

discharged to the atmosphere and energy is added by the combustion of fuel in the

working fluid itself,
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2. LITERATURE REVIEW

2.1 Intreduction

Gas turbines have received a great attention by researchers in recent years due to

their altractive features and special applications in different induatrial applications,
Analysts of gas turbine by means of the first law of thermedynamics is a well known
topic in the mechanical engineering literature. Analysis might be more effective if a

great altention is given to the second law, in which the published literature on this

subject is scarce,

This chapter will review some of relevant studies related (o gas turbine based on the

first faw as well as the second law analysis.

2.2 Previous Work

2.2.1 First law analysis

Rice, (1987) analyzed complex open gas turbine cycles by applying the heat
balance method. He developed a simple procedure of stream separation to make an
cﬁsy, simple accounte for the heat absorbed by evaporative intercoolers, combustion
steam. injection, or blade stream for cooling, the heat being the difference between
entering enthalpy and exiting enthalpy of the separated side stream. It is found that the
side stream tool makes it possible to check rather complex cycles and to analyze various
modes of operation. I’.art—load performance can also be readily checked and analyzed by
means of a graphic method. Also he presented two examples, the first one is the inter-
cooled regenerative cycle and the second is the reheat gas turbine. He concluded that the

graphic heat balance solution provides a better understanding of gas turbine cycles and
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leat recovery for cogeneration and combined cycles without getting into the mechanical

details and component cfficiencies of the gas turbine itself;

The thermodynamic performance of a gas turbine cogeneration system was
predicted using a computer model by Baughn and Kerwin, (1987). The predicted
performance is compared to the aétual performance, determined by measurements, in
terms of various thermodynamic performance parameters such as the electric power
output, fuct flow rate, steam production, electrical efficiency, steam efficiency, and total
plant efficiency. Also they derived other parameters that influnce the performance such
as net heat rate, and the fuel saving rate. They described the cogeneration plant, the
computer mode! and the measurement techniques used to determine each of the
necessary measurements. They concluded that the predicted and the measured electric
power compare well, while the predicted fuel flow and steam production are less than
measured. Their results demonstrate that this type of comparison is nceded if computer

models are to be used successfully in the design and selection of cogeneration systems.

Sokolov and Martyor, (1994) developed formulas for calculating the main output
characteristics of gas turbine cogeneration installations. The problem of choosing the
optimal parameters of the working fluid at the inlet and the outlet of the gas turbine was
discussed. They concluded that it would be best to use gas turbine cogenration
installations in the filed of low pressure ratios for the compressor and the turbine
because in this case the internal losses due to nonisentmbicity of the compression and
expansion processes are small. Also it is found that the application of gas turbine
cogeneration installations to residential heating netwocks makes sense economically if
the design levels of temperature differences in the circuit water are much greater than

the levels for steam twbine installations, because the former enables heat to be
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withdrawn from the gas turbine exhaust at a higher temperature without extra losses in
the output, and in some casecs even with a gain in the output. This provides the
opportunity to both cut down initial expenditures for the construction of heating

networks and reduce the electricity required pumping the heating agent.

Sokolov and Martynov, (1996) presented a method for calculating the output

parameters of combined-cycle (steam-gas), and gas turbine installations is described.
This method is based on the thermodynamic characteristics of heat-power cycles and
their dependence on the mean temperatures at which heat is supplied and removed. The
dependences of the main output characteristics of these installations on the mean
temperatures, at which heat is supplied and removed, enable the selection of thermlal
parameters of the working media and the relationships between the electrical capacities
of the gas and steam cycles when designing cogeneration gas turbine and combined

cycle installations.’

Allen and Kovacik, (1984) discussed the principles and practice of gas turbine
cogcneration. system, which were installed in various industries, including chemical,
petroleumn refining, pulp and paper, and metals. They reviewed some of the technical
considerations in the application of gas turbine cogeneration technology. The flexibility
of these systems in meeting the varied industrial encrgy demands were also discussed,
They concluded that the gas turbine cogeneration is not an economic option for all
industrials, Sille—speciﬁc evaluations based on plant thermal demands, available fuels
and their costs and the value of power are required to define whether this technology

can be justified.
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2.2.2 Second law analysis

Tsatsaronis and Pisa, (1994) developed a simple cogencration system consisting
of a regenerative gas turbine system and a heat recovery steam generator that serves as
an example to illustrate the application of exergy economic methods for evaluating and
optimizing complex ene'rgy systems. Furthermore, they discussed various exergy
costing approaches, the exergy economic variables, and the procedures used in
evaluating and optimizing energy systems. It was concluded that the exergy economic
techniques provide a powerful and systemati¢ tool for identifying all cost sources and
for optimizing or illlpi'ovillg the design of complex energy systems. From this pronmtising
result, app[licalions of this method to other energy systems are required before final

conclusions, with respect 1o its effectiveness, can be drawn,

Bisio, (1998) examined a coupled arrangement in which turbine waste gas is
used as the oxygen carricr for combustion of the fuel gas in hot blast stoves and
preheaters of a blast furnace. The blast furnace gas and the turbine waste gas are
preheated by the combustion of blast furnace gas, in order to achieve (he necessary
combustion temperatures .The arrangement makes provision also for utilization of
external thermal energy. He alsq compared the coupled process with a hot blast stove
system and a gas turbine plant without thermal waste energy recovery, which operates
separately. The main result of this study using the usable exergy gives more meaningful
resufts but does not reverse the conclusions obtained by means of only the first law of
thermodynamics. The savings obtained by means of the coupling of a gas turbine with a

hot blast stove are similar to those of the best steam gas combined cycle plants.

Exergy analysis of semi-closed gas turbine combined cycle (SCGT/CC) has

been presented by Fiaschi and Manfrida, (1998). Exergy destruction has been analyzed
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af the component level in order to identify the critical plant devices, considering several
operating conditions. The power ~ plant configuration was designed to allow the
possibility of total or partial water injection in the combustion chamber at peak load
conditions. It was found that combustion, heat recovery system generator, water
injection, mixing and water recovery system are the main sources of losses, representing
globally more lhaln 80% of the overall exergy destruction. The second law efficiency
ranges between 49% and 53% moving from fully injected to the not injected condition.
Furthermore, these values are close to those of standard open cycles, which means a
good potential for the SCGT/CC, which has several advantages from the point of view

of containment of emissions and capability of peakload shaving.

H.abib, (1992) presented an analysis of two different cogeneration schemes. Also he;
compared them with a conventional plant. of separate units for producing process heat
and power. In the cogeneration schemes, the required process heat is obtained either
from a boiler and a back pressure turbine or from a combined-cycle gas turbine, He also
investigated the effects of the process pressure and heat to power ratio on performance
using the first and second law efﬁéicncies, cogeneration efficiency and irreversibility

rates for the different components in each plant. The main results obtained from this

study were:
- Asthe process pressure increases the first law efficiency decreascs.

- The cogeneration combined cycle gas turbine presents the best efficiency at all
pressures, which are in the range of 0.1 to 0.5 for the ratio of process to bolier

pressure,

- The gas turbine provides the lowest irreversibility rates for a fixed power output.
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- The sccond law efficiency increases as the ratio of process to boiler pressure

increases for the conventional and back pressure turbine plants.

- The irreversible losses occur mostly in the boiler and combustion chamber and are

greatly reduccd in a gas turbine cogeneration unit.

Guarinello et al., (2000) studied the thermodynamic concepts of a projected steam
injected gas turbine (STIG) cogencralion system. They evaluated the power plant on the
basis of the first and second laws of thermodynamics. A thermoeconomic analysis using
the theory of eﬁex‘gctic cost was performed in order to determine the production costs of
clectricity and steam. They analyzed the assumed gas turbine by means of cnergetic,
exergetic and thermoeconomic methodologies. All of those methodologies point to the
same basic conclusion; The operation of the turbine in the STIG cycle in a system that
requires supplementary burning in basic opération leads to lower thermal efficiencies.

Also they mentioned that the thermoeconomic analysis could be improved with more

improved methodologies.

Lee and Wagner, (1994) presented the exergy analysis to determine the second law
efficiency for a modified GM 510K gas turbine engine operating on a Cheng cycle. The
study showed that the Cheng cycle can be operated in a wide range of powbr and
processing steami cogencration and the first law efficiency was found to range between
30% to 39%, while the second law elficiency was between 49% and 63% when the

power delivery varied between 26% and 100%.

A first and second law analysis of a single diesel engine and a single gas turbine in
combined cycle with supplemental firing in a burner is presented by Ferrari and Bianco,
(1997). They studied the effects of stcam pressure and temperature on system

performance, as are the effects of changing the pinch point and stack temperatures. The
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-agreement with the reported data. It is shown that by changing various relevant
parameters, parametric studies can be carricd out to determine thermodynamic and

engineeting parameters as well as suitable operational conditions.

Hisazumi, (1999) evaluates three types of energy sfslems including electricity
from a power company together with a boiler systen, a gas engine cogeneration system
and a gas turbine cogeneralion system, using excrgy analysis in relation to customer
enefgy usage. So the presented gas turbine power generation efficiency, which is 33%
for 6000 kW class system, is low. Based on this analysis, hie proposed a new gas turbine
cogeneration system, which achieves higher. generation efficiency by using two-stage

combustion and steam injection,

Kam, (1992) presents the methodology of the cogeneration study and its application
to the gas turbine-based cogeneration system. He includes the first law as well as the
second law analysis. The study indicates that the system generation efficiency and its
heat power ratio are two important design variables. These two design variables will
affect the cogeneration system performance, which are expressed in terms of cnergy
utilization factor and the fuel energy saving ratio. In addition to the cogeneration
system, various equations have also been developed to show the effect of these two
variables on the performance of the overall and combined generation system, which is
defined as the cogenceration unit plus existing boilers and simplified utility Network.
The second law analysis of gas turbine cogeneration system has also been presented. It
is found that the fuel availability saving ratio has similar functional relationship as the
fuel energy saving ratio. The availability utilization factor has been formulated. By

nature, this parameter is much better than the energy utilization factor, which is based
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on the concept of energy. The availability parameter would reflect more realistically and

accurately the picture of the cogeneration system performance.

The thermodynamic performance of selected combustion gas turbine cogeneration
system has been studied based on first law as well as second law analysis by Huang,
(1990). The cffects of the pinch point used in the design of the heat recovery steam
generator, and pressure of process steam on fuel utilization efficiency, power-to-heat
ratio, and second law efficiency, were examined. Results for three systems using state-

- of-the-art industrial gas turbines show clearly that performance evaluation based on first

law efficiency alone is inadequate.

The sccond law of thermodynamics, applied in the form of entropy and availability
balances for components and processes, can locate and quantify the irreversibilities,
which cause loss of work and efficiency. Perh.aps one reason that such analysis has not
gained widespread engineering use may be due to the additional complication of having
to deal with the combustion irreversibility, which introduce an-added dimension 1o the
analysis. A method of cycle analysis, believed to overcome this added difficulty for
combustion cycles is proposed by El-Masri, (1985) and applied to complex combined
cycles with intercooling and reheats. The fuel is treated as a source of heat, which
supplies potentially available work to the cycle depending on the peak temperature
constraint on \.vbrk extraction, Linkage with the traditional first law efficiency is thus

prescrved, while establishing the Jocation, cause, and magnitude of losses.

Et-Masri, (1987) developed a theme to include actual chemical and thermodynamic
properties as well as relevant practical design details reflecting current engineering

practice. The second law model is applied to calculate and provide a detailed breakdown
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of the sources of inefficiency of a combined cycle. Stage-by-stage turbine cooling flow

and loss analysis calculations were performed using computer program,

It is shown that the dominant interaction governing the variation of cycle efﬁéiency
with turbine inlet temperature is that between combustion irreversibility and turbine
cooling losses. Compressor and pressure drop losses are shown 1o be relatively small.
Also he found that the simplified model for combustion irreversibility, based on the
Carnot efficiency at the logarithmic mean combustion temperature, is in good

agreement with the detailed calculation,

Chin and El-Masri, (1987) presented a study for selecting the optimum parameters
of a dual-pressure bottoming cycle as a function of the gas turbine exhaust temperature.
Exergy analysis is applied to quantify all lqss sources in cach cycle. Compared té a
single pressure at lypical exhaust gas temperatures the optimized dual-pressure
configuration is found to increase steam cycle work output on the order of 3 percent,
principally through the reduction of heat transfer irreversibility from about 15 to 8
percent of the exhaust gas energy. Measures to further reduce of the heat transfer
irreversibility such as three-pressure systems or use of multi component mixtures can

therefore only result in modest additional gains.

It can be concluded that the energy balance approach to cycle analysis makes no
distinction between heat and work and thus does not quantify the quality of the heat.
Therefore, this method of analysis does not show which system components of the cycle
losses should be attributed to. The exergy balance method of analysis enables all loss

sources to be quantified.

All previous studies and researches were only concerned with combined cycles and

cogeneration systems of gas turbine, It is noted that the published literature on small

Library of University of Jordan - Center of Thesis Deposit
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unit with high speed gas turbines according to second law method of analysis is scarce.

Therefore, the present study is going to invesligate the whole gas turbine unit in the

form of entropy generation, exergy and availability balances for all components of the

gas turbine system to locate and quantify the second law efficiency and compare results

with those obtained from first law analysis.

All Rights Reserved - Library of University of Jordan - Center of Thesis Deposit
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3. THERMODYNAMIC ANALYSIS OF
GAS TURBINE POWER PLANT

3.1 Introduction

Gas turbines are used for many applications in military and houschold at different
ranges of power output, mass flow rates, and rotational speeds. For small power output
most gas turbines work on the open cycle (Wilson, 1998} in which ambient air enters
the compressor, fuel is burned in the air and the products of combustion emerge from
the engine exhaust at above atmospheric temperature. In contrast to steam turbines and
spark- ignition cngines, gas turbines can operate on a wide variely of different cycles.
So the cycle to be used for a gas turbine engine must be chosen before any component
design can be started. The thermodynamic analysis of the cycle will yield the potential

efficiency, power output and approximate size of the engine (Burghardt, 1978).
3.2 Open Gas Turbine Cycle

Figure (3.1) illustrates the configuration of an open simple gas turbine cycle and
fipure(3.2) shows the T-S diagram representation of this cycle. The gas turbine

thermodynamic analysis can be simplified by making the following assumptions :

1- The change of kinetic energy of the working fluid between inlet and outlet of

each component is negligible

2- The air used by the gas turbine as well as the products of the combustion are

satisfying the perfect gas laws or equation of state.

3- The specific heat capacities are constants through the process and represented at the

average temperature of that process .

4, The loss of stagnation pressures in the combustion chamber is constant fraction of the

inlet pressure,
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Figure 3.1 Simple gas turbine cycle
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3.3 First Law Analysis

3.3.1 Mass rate balance

The mass rate balance for control volume is given by :

dm N N
i ¢

[ 0
where miand m.denote, respectively, the amount of mass that enters at i and exits

at e during the time interval.

For a control volume at steady state with single inlet and exit equation (3.1) reduces

to:
Q o
LTI | OO OO SO U OO T (3.2)

That is, the total incoming and outgoing rates of mass flow are equal.
3.3.2 Energy rate balance
The energy rate balance for control volume is given by:

2

2

IE 0 0 0 V. 0 vV

dE ., =ch—ch+z mj hi+——2‘-+gzi —E m, he+-3"—+gzc eenen(3.3)
i e

dt

For steady state operation with single inlet and with single inlet and exit equation

(3-3) reduces to:

2 2
] ] 0

o V
0=Q.— Wev+m; hi+—5'—+gzi —me| b, + =2

VT+ BZo [reerrerroneenconnnnnennd3.4)
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This equation is applied to each component of the gas turbine cycle,

3.4 Components of Gas Turbine Cycle

3.4.1 Compressor

Q - .
We =ma(h) =ho )i (3.0)

Q
We =1l Cpp (Ty) = Tog boverrrermmecnncsnmsimssssscncnnscssmecssssssessosecsssssssssesmsisesssessn (3. 7)

Making use of the isentropic P-T relation, we have;

T Yol
rﬁ’—z- = (Pro) Y o (3.8)

From the definition of the compressor isentropic efficiency (Burghardt, 1978)

Toas — Ty '
¢ Toz = Toi

hts Reserved - Library of U'niversit of Jordan - Center of Thesis Deposit
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3.4.2 Combustion chamber

IFrom mass balance equation (3.2)

] o] L
M IE = TT1g ceieiecirecran e e srseeeesecsasensaesetonsseneesenesnesonnesesenesmsnsseesissesessesssness{ 30 1 3 )

Define fuel/air ratio f as:

Q

O
Mg

The energy balance of the combustion chamber using equation (3.5) can be

expressed as:

Nee[(LEV) = (1 £)C s (T3 = T2 Dverveesemnrnrscsscrmecrssmsenssesccmsenssssmsnsecsacsersscss{3.15)

Solving equation (3.15) for fuel/air ratio fto have

of Jordan - Center of Thesis Deposit

f o Cpe(To3 “_Toz) : (3.16)
Nee (LCV) = Cpp (T3 — Tz )

Using assumption four the pressure loss across the combustion chamber ts a

constant percent of the inlet pressure
Py3 = (1= PL )Py iriinirienonsrnnnsssssesssssssssssssssssssesssssssssssssssesssesssssssenen(3:17)
Where P, is the percent of pressure loss across the combustion chamber.

3.4.3 Turbine

Using equation (3.5) the work output of the turbine is given by:

All Rights Reserved - Library of University

L
Wl =Mg C]}é_(TCG - T04 )........................................................................................(3.19)




Tos _ Bsﬁ_J ettt e (3.20)
Tos  (Po .
Then
gl
o 1Y v
W, = (14 F)ma C iy Tos| 1~ m] L N (321
Tt

Where Py, is the turbine pressure ratio and given by

f

] .
Pod

It

From the definition of the turbine isentropic efficiency (Bughardt, 1978)

T o e et bbb e e e a L b e AR RSO bbb ea s b en e (3.23)

The outlet temperature of the turbine Tog is given by:
Yg_—l

. b)Y ve
Ty =Toz =M, Tos 1-(-—} S s sieesss s eneensnnnens( 3.24)

Pr

3.5 Performance Parameters

3.5.1 Cycle thermal efficiency

< '
If the amount of fuel added to the cycle. mysis evaluated, then the thermal

cfficiency is evaluated as :

- Wier
T]C}‘Ch: = "'6"""-'*]19"-— .................................................................. G (325)

mf{{LVC)
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where

W =WI—WC

net

L4 .
Where my¢is the mass flow of fuel required at the lower caloric value of the fuel
revaluated at a reference temperature and pressure of 288 K and one atmosphere

respectively (Wilson, 1998).

3.5.2 Specific fuel consumption

4] 0
Once the fucl/air ratio is known, the fuel consumption my is simply fx m, where

O .
m, is the air mass flow, and the specific fuel consumption can be found directly from.

SFC = f et et bt sa s e esa sttt ressnesnnesasenesanes s anesressssesns( 3.26)
Wnct

Since the fuel consumption is normally measured in kg/h, while W, is in kW per
kg/s of air flow, the SFC in kg/kWh is given by the following numerical equation:

net

3.5.3 Specific work output

‘The specific work output of the cycle is given by:

Ma

3.6 Sccond Law Analysis

The availability rate balance equation for a control volume is given by:

dA, Ty 0 (o dv,
v 12 [Q—] Wey— cv
% 1o { .

All Rights Reserved - Library of University of Jordan - Center of Thesis Deposit
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where




22

dA : -
The term —dtc—‘ircprescms the time rate of change of availability (exergy) of the

control volume.

The term Q; represents the time rate of heat transfer at the location on the boundary

where the instantaneous temperature is T;.

' To |2 . R
The term (1 —T—"J Q;represents the accompanying availability transfer.
j

: 0
The term Wy represents the time rate of energy transfer by work other than flow

work,

o Y] . .
The terms mi azand m. a, operating in these expressions are evaluated from the

following equation:

2
ag=(h=h,)}-T,(s —so)+-V2—+gz(330)

L)
The term Iccaccounts for the time rate of availability destruction due to
irreversibilities within the control volume,

A cY = dVCV

At steady state, d— a0 =0, so equation (3.29) reduces to;

o]

T o a 0 Q
lev =z [l_:["‘?'JQJ‘_WCM—Z ny; ag —Z Me B (3.31)
J j e

The rate at which availability is transferred into the control volume must exceed the
rate at which availability is transferred out, and the difference being the rate at which

availability is destroyed within the control volume due to irreversibilities.

For single inlet and single exit, then equation (3.31) becomes.

All Rights Reserved - Library of University of Jordan - Center- of Thesis Deposit
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O '[‘ 0 & 0
ley = [1 - 'i*'Q”JQ i~ Wort M{A{ )econicrcnsecrnnccmncnnecnseninssnssssssnsisnsenn(3.32)

j J

where Aag will be evaluated using equation (3.30) as:

)

‘D

Aap = Ah~T As + AKE) + APE)ccuiiiciiccncccnnins s nn{3.33) Q
Substituting equation (3.33) back into equation (3.32) gives: )]
n

0 T. 19 ] ) <
Iev = Z (1 - Tl-}JQJ-- Wev+ m{Ah = T,As + A(KE) + APE oo (3.34) —
j j “s

- . . . o

Where K.E. and P.E are the kinetic and potential energies respectively. *G'C)'

: O

Neglecting the changes in kinetic and potential energy, the above cquation reduced !

to: _é
S

a T Q ] a Y
Icv = Z {l - :I‘iJQJ— ch+ m(aﬁ ‘-afe)...........................................................--(3.35) gj
j j =
2]
- ]
This equation is used to calculate the irreversibility to each component in the gas él
turbine cycle. :)i
"55
P

3.7 Components Irreversibilities E
—

) —l

The enthalpy, entropy and exergy may be found using the perfect gas equation -

of state. The exergy requires that the reference state be the temperature and pressure of -§
the environment. It is convenient to use this as the reference state for enthalpy and %
entropy as well. The properties are calculated from the following relations for a perfect o
n

i}

as: c
: S
_ o

B = € (T = T Mentecrreriaesreessinsissssmmsssssssees s ssesssssssssssses s snesessesessssssneres (3.36) <=E

S=Cp —[Ln T _[lri]m -P—}(sm
fO] H l)ol




o]

A T CXiuiiriririaee et n et a e e e e et e e g e the L e b oAt s enssaere e e e ee (3.39)

3.7.1 Compressor irrcvcrsibilify

Using equation (3.35) and assume that there is no heat transfer with surroundings,

the irreversibility of the compressor is given by:

0 0 Q
le '—"-Wc+l'l'l(ﬂf| —am) ........................................................................................ (340)
This equation can be rearranged to
a o
- I
c | ={. c
=S = {00 =80 S 3.41)
m m
Q
Thus, the availability input to the compressor, ——=is accounted for either as an
m

increase in the flow availability between inlet and exit or as availability destroyed.

The sccond law efficiency (effectiveness) of the conversion from work input to

flow availability increase is given by (Moran, 1989):

dra —ag

c = } ° ArmaEERATERA T ARIA N
—Ww/m}

3.7.2 Combustion chamber irreversibility

€

B & )

Using equation (3.35) the irreversibility of the combustion chamber is given by:

o 'I‘ 0
[ee :[1 _TI:QL]QCC + I']'l(flrz —-ﬂf3)...'.....................................................................(3.43)
m

where
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T is the mean temperature of the combustion chamber and Q. is the heat rate

| added to the combustion chamber, which is given by:

9
Qee =My —hy )i e (3044)

-I—'
] ) . ) 7))
The second law cfficiency (effectiveness) of the combustion chamber jis: Q
o)
H| - )}
Ty ) .0 ]
-2 Qe =
I.I‘I'Il l_
ke
3.7.3 Turbine irreversibility %
Using equation (3.35) and the assumption that there is no heat transfor with LI)
surroundings, the irreversibility of the turbine is given by: S
<
o - ] 4] '%
L = =W Mg =g hereeeeeesseeeresssssessessssecsesssenseeesssessessersessesseeeoenenee {3 46) o
.-l—'
This equation can be rearranged to %i
=
a o 5'
' Wk 3.47 =
Apy =g =t i (3.47) 5
m m o
@
S
‘The term on the left hand side of cquation (3.47) is the decrease in flow availability 3
from turbine inlet to exit. _é
: - S
Also the above equation shows that the flow availability decreases because the %

. Q L . . s 0 LH]
turbine develops work, W /m, and availability is destroyed, 1,/m. nd
£
The second law efficiency (effectiveness) of the flow availability decrease is I
converted to the desired product is =
<

Q Q
Wi/m

s 3.48)

g[ = ATERATRAF IR b
dp3 ~apy
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3.8 Cycle Second Law Efficiency

The sccond taw cefficichey of the gas turbine eycle is defined as the ratio of the

availability rate desired to the availability rate consumed. In this gas turbine engine, the

availability rate desired is the net power output and the availability rate consumed is the

availability rate associated with the heat rate to the combustion chamber.

The second law efficiency is given by;

Q

W

M, = —_—TJE-‘-O—— ................................................................................................ (3.49)
rr e

3]
3.9 Check Over-all Energy and Irreversibility

An over-all energy balance of the cycle gives the following:

o .
Qee = Wiet =m0y =1y e e eecseersseneeereernesereesssenenesen(3.50)

Which gives a consistency check of the individual component results, relative to the

energy balances.

An overall itreversibility rate of the cycle gives:

0 .
Lot =dp1—21y +aqc + Wc - VV’I..............................................................................(3.51)
where

T,

rll‘l‘l

Which checks with the sum of the irreversibility rates of the components. This is a

All Rights Reserved - Library of University of Jordan - Center of Thesis Deposit
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4. THEORETICAL ANALYSIS OF GAS TURBINE COMPONENTS

4.1 Introduction

The analysis of a real flow in a turbomachinery is extremely a complex process,
due to the effects of viscosity, compressibility, heat transfer and three-dimensional flow.
Thus a one-dimensional flow, based on Euler’s equation, will be used in the following

analysis of gas turbine components.

There are many control, design and performance variables that affect the gas
turbine cycle. Therefore, the dimensionless parameters will reduce the number of

variables and simplify the presentation of gas turbines performance results.

In this chapter the selection and performance of gas turbine components based on

literature are introduccd.

4.2 Dimensionless Parameters

The widest comprehension of the general behavior of all turbomachines is, without
doubt, obtained from dimensional analysis. This is the formal procedure whereby the
group of variables representing some physical situation is reduced into a smaller number

of dimensionless groups Dixon, (1978).
Dimensional analysis applied to turbomachines has two important uses:

t- Prediction of a protolype’s performance from tests conducted on a scale model

(similttude).

2- Determination of the most suitable type of machine, on the basis of maximum

efficiency, for a specified range of head, speed, and flow rate.
The actual work produced by the turbine is given by:
G

- Iy (P |
Wi =mCyn Tjf (e esresse e essesne s nnenos (B 1)

c

- Center of Thesis Deposit
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where n,_, is the total to total isentropic efficiency. Also, the actual work produced

may be written as:

W =70 = T2AN 1600 tienrnieniennciecncerncinnssssssressssssssssssssssssssssossnon {h2)

et

3
Equating equations (4.1) and (4.2), then dividing by d,P,, the resull is given by:

SN ¢ )

o : -1 }‘_-I
4 ___[qr-r] ”IUC!’?} { dIN J l—(.{).f.J ’

ik \2r ) dip | Jor P,

or

30 .
dym,fC,T; | _aN Pi

Jo T

T ¥

[_‘11_:1. -1
T 2n l—-[ch Y

Defining the spouting velocity as that velocity which has an associated kinetic
'energy equal to isentropic enthalpy drop from turbine inlet stagnation pressure to the
final exhaust pressure. The exhaust pressure can have several interpretations depending
upon whether total or static conditions are used in the related efficiency definition and

upon whether or not a diffuser is included with the turbine. Thus, when no diffuser is

used the spouting velocity can be expressed as, (Dixon, 1978):

- Library of University of Jordan - Center of Thesis Deposit

2

I

~2—C? = (Boi = Bgg Jgreemmsrmmermemreessssssssssssssssmssesmsssssssssssensesmesemseessesssesesssoesressoeseeesens(4,5) %
If the working fluid is a perfect gas, equation (4.5) can be expressed as: e
_ 0
%
C, = 4/2Cpi'1‘i - T, is =
= <

Co = |2C,T, 1—(p—°J S SN ¢

Pi

Also the blade tip speed u; can be written as:
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Using equations (4.6) and (4.7), an expression for the velocity ratio is given by:

verermnennen(4.8)

By substituting equation (4.8) in equation (4.4), the following expression for

specific torque is obtained:

T ! Nt Pe Kl

= Pt = SRR (- 3
d ° - 22 U, (piJ
2m,/Cp'Ii —- /

Co
where

T

Q
d2 m. pr'[‘i

= Specific torque parameter

o

m,[C,T;
“““—2"}1_[ = Mass flow parameter
d,p;
d,N
2 = Speed parameter
CpT,
Yz = Velocity ratio
C,
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4.4 Radial Turbine Configuration

In the radial turbine flow is changed from a radially inwards to axial direction. This

atllows a far greater area ratio and hence expansion ratio than may be achieved by only

changing gas angles and the annulus lines for an axial flow stage.

Figure 4.1 shows the configuration of a radial turbine The velocity triangles are

shown in figure 4.2. From these triangles the following relation can be obtained:

GAS ENTERS FROM ANNULUS OR SCROLL

HOZZLE GUIDE VANES
VANELESS $PAC
STATIONARY SHROUD
BACKPLATE ~A
sl EXDUCER
e Pt — L
NOZZLE GUIDE VANES
as FROM SCROLL
IHLET FLOW
auws SPEED RELATIVE
ABSOLUTE
vELOCITY
NOZZLE GUIDE YANES
AS FROM ANNILUS
D \ INLET FLOW
\\ (RAOAL)
DIREGTION OF ROTATION

7 ] } ] nunE SPEED
RELATIVE ABSOLUTE EXIT
VELOCITY VELOCITY smrsarmm el

HBLADE SPEED

Figure 4.1 : Radial turbine configuration
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Figure 4.2: Velocity triangles of an inward radial turbine.

C, = uz[—-fﬂlﬂ?T)](mm
2

Sln(az +

sinfl, coso,
v 2Li“(‘lz '*152)} @b

' sin 3,
: I[sin(al +Bi):! : ( )

sinf}; cosat
i '[Sm(aa +B1)J i

The total to total efficiency in equation (4.9) can be written as:
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AH o, - usCyo —1,Cyy

] _ =
11 1 ﬂl’ls lcz
27

oo (4.14)

Substituting for Cyz and Cy from equatibn {4.11) and (4.13) then equation (4.14)

becomes.

2 | 2fsinf,cosa, 2( sinf3 cosq '
- Cz [uz(sm(‘lz +32)J " (Si“(‘xt +By) : @1
o

Substituting for %?_ {rom equation (4.8) in equation (4.15) gives

[i]

S Coll (Si“f’z°°S°lzJ_(_Eir{Mﬂaﬂ,_,,_,,,__,,_.,__.”(4,16)

2
1t Sin(ﬂz +0(2) d2 Sin(ﬂ.l + Bl)
P1 ]
Substituting for n,_, from equation (4.16) in equation (4.4), the specific torque is
given by:
T

o]

v d,N sinp, cosary } dy 2 w @17
] o \/C T, sin(a2 +B,) d, Sin((xl "‘B]) 4
2 l]l\[cp—rri P

The blade tip velocity at rotor inlet, u; can be delermined from the spouting

velocity definition as:

l12

Uy ={-6~}C0(418)

o

Substitute equation (4.6) for C, gives

I;l
ug~_~[%l}co 2(:;1‘{1-(5%}] OO C R L)
o

The absolute Mach number at rotor inlet is given by:
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C, Q
ty = Ty3 — T T P (4.21)
p o)
2
substituting equation (4.21) into equation (4.20) gives g
|_
C ©
Cpoolyy —1 Toz — =2~
Pb(’yb 03 2Cpg @)
The mass flow rate at inlet to rotor is given by: .§
. ©
m=pyA,C,0 =
‘D
2
Q
P . ' =
M = =5 [{7td4by XCs SINQ®y Jririniiriiriiiceiit e ettt e e . c
(mz]( 2b2 XCysinaty) (4.23) S
©
where S
S
1=l 'J
Py =p { ty } Y !
2 =Po2| 7
" Tor 3
S
; ;
. e
ty = Top| L =%,
“" 2C, Ty, 2
| @
sinf3, =
Ch =y ———
22 sin{a, +8,) <
Substituting for P,t; and C; in equation (4.23) gives
o
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]
| 2 e gy
neez |G ;—21 sinfoy +B,)| SN % )
RT,- 2C, Ty, “d; ) Sll'l(x.') sinf, [

After substituting for u, , C; and rearranging equation (4.24) an expression for the

bl'lde width to rotor tip diameter ratio, z is given by:
2

0
y—1 [ myC,T, Sifl((lg‘*’ﬁZ)il

Y dzl’i | sinfor, +B,)

L7 0 RN C )
2 3 , -l
_dyN - o d,N sinf3, J
CPTi 2 CPT] J Sin((lz +B2)

4.5 Analysis Procedure

In the preceding two chapters the simple gas turbine cycle equations based on first
and second laws of thermodynamic were derived. In this section the method of analysis

and the case study will be introduced,

The required equations for the gas turbine cycle were solved using a computer
program written in C™ language, the flow chart for this program is shown in figure 4.3,
which also list the number of equations to be solved. The input variables and constant

values were used in this program as shown below:

s Input variables
- power output, Whet = 50,75 and 100 kW
- Rotational speed, N = 50,000 , 70000 and 90000 r.p.m,

- Compressor inlet stagnation (ambient) temperature, Ty, = 288,293 and 298 K.

o
- Mass flow rate of air, m, = 0.5, 0.75 and 1.0 kg/s
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- Velocity ratio, ua/C, = 0.67
o Constant values
- Ratio of specific heat of air, v, = 1.4
- Ratio of specific heat of gas, v, = 1.33
- Speciﬁc. heat at constant pressure for air, Cy, = 1.005 kJ/kg K
- Specific heat at constant pressure for gas , C,, = 1.155 kJ/kg K
- Compressor isenlropic efficiency, n. = 0.85
- Combustion isentropic efficiency, 1. =0.95
- Turbine isentropic efficiency, 1, = 0.87
- Relative flow angle at rotor inlet, B, = 85 degree
- Absolute flow angle at rotor inlet, oy = 17 degree
- Lower caloric value, LCV = 43100 kJ/kg K
- Fraction of pressure loss in combustor, Py = 0.02 %

- Gas constant, R = 287 J/kg K.
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S. RESULTS AND DISCUSSION

5.1 First Law Analysis

All the previous relations for gas turbine cycle based on first law as well as second
law of thermodynamics were solved using a computer program and the results are

illustrated in the following figures.

Figure 5.1 shows the variation of fuel to air ratio (f) with turbine inlet temperature
at 100 kW power output and different compressor pressure ratios. It is clearly shown
that the relation is a linear increasing one, as the turbine inlet temperature increased as
the fuel to air ratio increased. Where f'is in the range of 0.005 to 0.025 for turbine inlet
temperatures of 700 to 1200 K. Also it is clear that the effect of compressor pressure
ratio is inversely proportional to fuel to air ratio, the fuel to air ratio decreased about
36% as the pressure ratio increased {rom 2 to 5. The increase in fuel flow leads to an

increase in compressor speed and gas turbine inlet temperature.

Figure 5.2 shows the variation of tip blade speed w at turbine rotor inlet with
compressor pressure ratio at different turbine inlet temperatures. It is clear that the
turbine tip blade speed increased with both increase of turbine inlet temperature and
compressor pressure ratio. The maximum speed is about 638 m/s, Both figures 5.1 and

5.2 limited by material stresses on the blade tip.

The variation of Mach numbers at turbine rotor inlet M,, exducer M., mean
diameter M and hub diameter M, with compressor pressure ratio is shown in figure 5.3.
It is clear thalt M;>M>M;>M; and all Mach numbers increased slightly with the
increase of compressor pressure ratio, It is clear from the definition of Mach number

Mo, which is given by equation 4.20, that the increase of Mach number is due to the
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increase of the blade tip velocity uy; therefore, Mach number is controtied mainly by the
| blade tip velocity. Also, it is noted from this figure that the increase of P, above 4.5

produce a super sonic flow in the stator part o the turbine high excessive losses.

5.1.1 Specifie fuel consumption

The cycle performance can be expressed in terms of fuel consumption per unit
network output, i.c. in terms of the specific fuel consumption rather than efficiency, not
only because its definition is unambiguous, but also because it provides both a direct
indication of fuel consumption and a measure of cycle efficiency to which it is inversely

proportional,

Figure 5.4 shows the variation of specific fuel consumption with turbine inlet
temperature at 100 kW power output and different compressor pressure ratios. It is clear’
that the SFC decrease with the increase of turbine inlet temperature and most of the
decrease occurs in the range of 700-900 K. And then the curves are slowly decreased in
the range 900 - 1200 K. While the effect of compressor pressure ratio is inversely
proportional to the SFC. It is clear that about 66% of SFC reduction occwrs by
increasing P from 2 to 3, 22.5% by increasing Py from 3 to 4 and 11.5% by increasing
P, from 4 to 5. Therefore the increasing of P, above 5 will not effectively improve the

SFC ratio.

The effect of ambient temperature (inlet compressor temperature) on SEC is shown
in figures 5.5 and 5.6. It is clear that the SFC is affected strongly by the decrease of
ambient temperature to 288 K, while the increase of ambient temperature from 293K to
298K does not affect the SFC and the two curves are nearly the same for most of the
turbine inlet temperature range. This decrease of SFC is due to the decrease of

compressor work as ambient temperature decreased.
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Figure 5,7 shows the vaniation of specific fuel consumption with specific work

output at P = 2 and different turbine inlet temperatures. The SFC is inversely

proportional to specific work output, as the specific work output increased the SFC
| decreased. Also from this figure it is noticed that as the turbine inlet temperature
increased the SFC increased. Figure 5.8 shows the effect of varying the P, on the SFC
with specific work output at Ty3 = 700 K. The main resull from this figure is that as the

pressure ratio increased the SFC decreased especially for specific work output below

100 kWrkg.

The specific fucl consumption is increased as the power output is reduced because
the reduction in fuel flow leads to a reduction in compressor speed and gas turbine inlet
temperature. It is well known that the efficiency of a real cycle falls as the turbine inlet
temperature is réduced. This poor part-load economy is & major disadvantage of the

simple gas turbine.
5.1.2 Specifie work output

The variations of specific work output with both turbine inlet temiperature and
compressor pressure ratio are shown in figure 5.9, It is obvious from this figure that the
specific work output (W) is increased a s the turbine inlet temperature increased and as
the P, increased the Ws increased also, The maximum W, obtained at P, = 5 and T3 =

1200 K.

5.1.3 Dimensionless mass flow rate

Figure 5.10 shows the variation of dimensionless mass flow rate (MFR) with
compressor pressure ratio at 100kW power output and different turbine inlet

temperatures. Irom the figure, It is clear that MFR decreases with increasing of turbine
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inlet temperature and most of the decrease occurs in the rage of To3 from 700 to 900 K.
It can be concluded that a recommended turbine inlet {emperature not to be below

900K. The effect of pressure ratio is clearly observed that as the P increased the MFR

decreased with large decrease in the range of P, from 2 to 3. So it can be concluded that

a rccommended compressor pressure ratio not to be below 3.

Figure 5.11 shows the variation of blade width to rotor tip diameter ratio ba/d; with
turbine inlet temperature at P, = 2 and different power output. It is obvious from this
figure that the ba/d; ratio decreased .al Tes increased. Also the by/ds ratio decreased by
decreasing the power output. It is clear that the effect of turbine inlet temperature on
ba/dz ratio is large at low values of turbine inlet temperature and become less effective

at higher valucs.
5.1.4 Cycle thermal efficiency

The main performance parameler io be analyzed in the first law is the cycle thermal
efficiency. Figure 5.12 shows the variation of cycle thermal efficiency with P at
different T,3. From this figure it can be shown that the cycle thermal efficiency is
strongly affected by both P, and T,s. Also it is noted that most of the increase occurs
for Py from 2 to 3 and T3 from 700 — 900 K as previously discussed in mass flow rate,
it is better to use P above 3 and T,; above 900 K. Also it is clear that the efficiency
curve increased to reach an optimum point and then decreased as Pre increased, this
trend isl clearly shown for Ty; = 700 K, while for other values of Tys the same behavior
may be obtained if we extend the range of operating Py, which mean that there is an
optimum value of maximum efficiency for each turbine inlet temperature. The
advantage of using as high value .of Te3 as possible, and the need to use a higher Py to

take advantage of a higher permissible temperature, is evident from this figure. The
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efficiency increases with T,; because the component losses become relatively less

important as the ratio of positive turbine work to negative compressor work increascs.

The remaining parameter of importance is the ambient temperature, to which the

performance of gas turbine is particularly sensitive. Figures 5.13 and 5.14 show the
variation of cycle thermal efficiency with turbine inlet temperature and different
compressor inlet temperatures (ambient temperatures). It is clear that as the ambient
temperature reduced the cycle thermal efficiency increased especially when T, is
reduced to 288 K. the increase in thermal efficiency is due to the decrease of

compressor work as Ty decreased.

Figure 5.15 shows the variation of cycle thermal efficiency with specific work
output at P, = 2 and different turbine inlet temperatures, It is clear from this ﬁgufe that
the relation between ey and Wi is a linear prop‘onional one, as W, increased 1yl
increased. But it is noted that as turbine inlet temperature increased the thermal
efficiency decreased. So it is a design point .to choose a maximum efficiency or a
maximum specific work output. The effect of Py, on the variation of cycle thermal
efficiency with specific work output at T3 = 700 K is shown in {igure 5.16. From this

- figure, it is clear that as Py, increased 1)y decreased.

5.2 Second Law Analysis
5.2.1 Irreversibility (exergy destruction)

Figure 5.17 shows the variation of compressor irreversibility (exergy destruction)
with turbine inlet témperature at different P.. It is clear from this figure that compressor
irreversibility decrease with increasing turbine inlet temperature from about 55 kW at

Toz = 700 K to about 10 kW at Ty3 = 1200 K. Also it is noted that the curves of
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irreversibility drop more steeply in the range of T3 from 700 - 900 K and then they

become nearly flat in the remaining range to 1200 K. It is obvious from this figure that

the itrreversibility increases with increasing Pr. This is attributed to the increased of

heat-power ratio as the pressure increases. Also this increase is more rapidly for Ty, of

700 and 800 K, while it is nearly flat {or T3 from 900 to 1200 K.

Figure 5.18 shows the variation of combustor irreversibility (exergy destruction)
with compressor pressure ratio for different turbine inlet temperatures, It is clear from
this ligure that the combustor irreversibility decreased with increasing of Py, to reach a
minimum value, as shown fro T3 = 700 and 800 K, and then increased. The same trend
for other values of Ty3 may be obtained if the range of operating P, is extended. It is
clear that the optimum conditions ofcombustof irreversibility at P, =3 and 4 for Ty3 =
700 and 800 K respectively. Also it is noted that the effect of turbine inlet temperature
on combustor irreversibility is small since the curves approach each other esbecially for

P below 3.

Figure 5.19 shows the variation of turbine irreversibility (exergy destruction) with
turbine inlet temperature at different P. It is clear from this figure that the turbine
irrlcversibilily decrease with increasing turbine inlet temperature from 63 kW at T3 =
700 K to about 10 kW at Ty3 = 1200 K. Also a steep decrease is noted in the range of
Tez = 700 to 900 K. and then the curves becomte nearly flat with small decrease of
turbine irreversibility. It is noted from this figure that the irreversibility increase with
increasing ?m. This increase of irreversibility is due to the increase of heat-power ratio
as the pressure increased. Also the increase of irreversibility is more rapidly for Ty =

700 and 800 K, while it is nearly flat for T3 higher then 900 K.




A comparison between the irreversibilities of the three components of the gas
turbine cycle is shown in figure 5.20 with T3 at P = 2 and 3. It is well noted from this

figure that the irreversibility of the combustor is much than the irreversibility of the

compressor and the turbine, while the irreversibility of the compressor is slightly higher
thﬁn the turbine irreversibility. While most of irreversibility (exergy destruction) was
found to be in the combustor and (his is an indication to take care of this component in
order to reduce the irreversibility loss in the gas turbine cycle and to increase its

performance.

The total irrcyersibilily for the three components were added to each other and
shown in figure 5.21 with turbine inlet temperature and different P,.. It is obvious from
this figure that the total irreversibility is decreased with turbine inlet temperature
increased, espectally in the range of Ty from 700 to 900 K and then continue in
decreasing with smalllralc from Ty = 900 to 1200 K. Also it is clear that the total
irreversibility decreased with P, increasing for P, below 3 and then increasing for Ty; =

700 1o 900 K and nearly constant for Tyy = 1000 to 1200 K.

5.2.2 Entropy generation

Figures 5.22 and 5.23 show the variation of entropy generation of compressor and
turbine respectively with Pe. It is clear from these two figures that the entropy
generalion increased with the increase of Py, while there is no change in entropy
generation for both components with turbine inlet temperatures. Also it is noted that the
compressor enlropy generation is slightly higher that the turbine. 1t is well known that
the increase in entropy generation will increase the irreversibilily or exergy loss as was

shown in figures 5.17 and 5.19 for compressor and turbine irreversibilities respectively.
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Where the irreversibility of both components increased as Pr. increased such as entropy

generation.

Figure 5.24 shows the variation of combustor entropy generation with turbine inlet
temperature at different Py. It is clear that the combustor entropy generation increased
with the increasing of turbine temperature. It is obvious from this figure that the entropy

generalion decreased with the increasing of Pr...

The effect of ambient temperature on the combustor entropy generation is shown in
figures 5.25 and 5.26. It is clear that the ambient temperature effect is very small since
the curves approach cach other, but it is noticed that as Ty increased the combustor
entropy generation decrease. Therefore, this means (hat increasing the air temperature at

the combustor inlet can lower the combustor losses.
5.2.3 Availability change

Figure 5.27 shows the variation of availability change of the compressor with
compressor pressure ratio at different turbine inlet tellnperature. It is noted from this
figure that the compressor availability decreased with the increased of To3 from about
550 kW at Tyz = 700 K to about 100 kW at Ty3 = 1200 K at P, = 5, Also it is clear that
the curves of availability change drop more steeply in the range of Tyz = 700 to 900 K
and then they become nearly flat with small decrease. Also, it is obvious from this

figure that the availability change increased with the increased of Py.

Figure 5.28 shows the variation of combustor availabilily change with compressor
pressure ratio and turbine inlet temperaturcs. It is noted that the availability change
decreased in the range of To3 = 700 to 800 K and then it becomes nearly constant. Also

it is clear that there is a large difference of availability change between the values of
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P.=2 to 3 and then the difference is becoming more and more small between the values

of P = 4 and 5. It is observed that as the P, increases the combustor availability change

will decrease except for Ty = 700 K, and the drop of the curves are more rapidly in the

range of P = 2 to 3 and then they beconte nearly flat with small decrees for P, =3 to S.
Also the effect of turbine inlet temperature is more noticed here, where the behavior of
curves for T3 =900 to 1200 K are nearly the same for the whole range of Py.. Also, it is
clear that the availability change of the combustor decreased to reach a minimum value
and then increased as the compressor pressure ratio increased. For To3 = 700 K this
minimum value occurs at P, = 3.5, while for other values of T,; the same behavior may

“be obtained if the ranges of P, were extended.

The variation of turbine availability change with compressor pressure ratio at
different turbine inlet temperatures is show in figure 5.29. It is clear that from this figure
as the turbine inlet temperature increases the turbine availability change will decrease
and this decrease is more rapidly in the range of Tos = 700 to 900 K and then it becomes
nearly flat with small decrease for Toz = 900 to 1200 K. It is well noted that as the Py
tncreases the turbine availability change will increase especially for Toz = 700 to 800 K,

while for the range of Ty3 = 900 to 1200 K it is slightly increased.

A comparison between the availability change for the three components of the gas
- turbine cycle, which are the compressor, the combustor and the turbine, is shown in
figure 5.30. It is clear that the availability change of the combustor is the highest of

threc components and the turbine is higher than the compressor.

5.2.4 Second law efficiency

Figure 5.31 shows the variation of second law efficiency with compressor pressure

ratio and different turbine inlet temperature. It is clear from this figure that the second
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law efficiency is less sensitive to lurbine infet temperature changes for P, = 2 and 3,
while it is slightly increased with the increase of turbine inlet temperature for P, = 4
and 5. The second law efficiency is in the range of 19.1% and 35.6 for P = 2 and 5
rcspccli\{ely. The increase in second law efficiency as Ty3 increased is due to the

decrease of irreversibility for cycle components as Ty increased.

it is obviously clear that the second law efficiency increased with the increase of Py
to reach a maximum value and then return to decrease, this trend is observed for Ty3 =
700 and 800 K, while for other values of Ty this trend may be obtained if the range of

compressor pressure ratio is extended. Therefore for each turbine inlet temperature there

is an optimum value for Py, to have maximum second law efficiency. Also the effect of

higher turbine inlet temperatures is clearly noted that the second law curves for Toz 900
to 1200 K are close to each other especially for P, below 3. The increase of second law
efficiency as Ty3 or P increased is justified by figure 5.32, which shows that the second
law efficiency is increased since the total irreversibility of the gas turbine cycle,

decrcased as Ty3 increased.

The effect .of ambient temperature on the second law efficiency at P = 3 is shown
if figures 5.33 and 5.34. It is clear that as T,y decreased the second law efficiency
increased especially for lower values of T3 such as 700 K the difference in  second law
efficiency is very noticeable until Ty3 reaches 1000 K the three values are nearly the

samc and then the difference is nearly small.

A comparison between first law and second law efficiencies are show in figure
5.35. It is clear that for Py, = 2 the values of {irst law efficiency ranged between 8.7% to
18.4% and the second law efficiency is between 19.1% to 18.5% for Ty3 = 700 and 1200

K respectively. For P=3 the first law efficiency is between 11.9% to 17.5% and the




second law efliciency is between 24.6% to 27.2% for To3 = 700 to 1200 K respectively.
For P.. = 4 the first law efficiency is between 12.6% to 21.1% and the second law

efficiency is between 25.2% to 32.3% for T,3 = 700 to 1200 K respectively. Finally for

Pr. = 5 the lirst law efficiency is between 11.9% to 23.5% and the second law efficiency
is between 32.2% to 35.6% for T,y = 700 to 1200 K respectively. It is clear that all

second law efficiency curves are much higher than first law efficiency curves.

| The second law analysis, which can locate and quantify the irreversibilities that
cause loss of work and efficiency gives moré understanding of performance that the first
taw analysis that makes on distinction between heat and work and thus does not
quantify the quality of heat. Thefefore, first law analysis does not show which system

components the cycle losses should be attributed to.

5.2.5 Effectiveness of components

Figure 5.36 shows the variation of compressor second law efficiency
(effectiveness) with compressor pressure ratio, it is clear that from this figure that the
effectiveness is slightly increased with the increase in Pr.. The range of effectiveness is
varied form 87.8% to 90.9% for P, = 2 and 5 respectively. Also there is no change of

compressor effectiveness by varying turbine inlet temperatures.

Figure 5.37 shows the variation of combustor second law cfficiency (effectiveness)
with compressor pressure ratio at different furbine inlet temperatures. 1t is clear from
this figure that the combustor second Jaw efficiency is increased as compressor: pressure
ratio increased to reach a maximum value of P, = 3 and 4 for To3 = 700 and 800 K
respectively and then return to decrease. This behavior is applied for other values of T3

as the Py range extended.
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Figure 5.38 shows the variation of turbine second law efficiency (effectiveness)
with turbine inlet temperature at different compressor pressure ratios. It is obvious from
this figure that the turbine effectiveness increases with increasing turbine inlet
temperature. The range of effectiveness is between 91,9% {0 96%. It is noted that the
turbine effectiveness decrease with increasing Py.. Since the heat losses increased as Py

increased.
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Figure 5,27: Variation of compressor availability change with compressor
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6. CONCLUSIONS AND RECOMMENDATIONS

6.1 Introduction

The simple small gas turbine cycle has been investigated. The cycle was examined
at various input parameters such as turbine inlet temperature, compressor pressuré ratio,
ambient temperature and specific work output. A detailed thermodynamic an.alysis
based on first law of thermodynamics as well as the second law was carried out for each
component of the gas turbine cycle. The availability change, entropy generation,
irreversibility and second law efficiency (effectiveness) were calculated for each
component of the cycle, as well as the first and second law efficiencies of the gas

turbine cycle.
6.2 Conclusions
6.2.1 First law analysis

it is well known from literature that the best configuration for a small gas turbine
would be a single stage centrifugal compressor, a combustor and a single stage inward

flow turbine, From the analysis of first law it was found that the to air ratio f is

increased by increasing T, and decreased by increasing P.. The specific fuel .

conswnplion and mass flow rate are decreased either by increasing Tos or Py While the
increase of P, above five will not effectively improve specific fuel consumption, and

most of mass flow rate decrease occurs in the range of P, from two to three.

The tip blade speed u; is increased either by increasing Toz or Pr. Since there i1s a

design limit for u,, therefore the selection of Tes or P for radial turbine design would

depend on the permissible value of u; taking into account the metallurgical limit of Te3.
Also, it was found that the cycle thermal efficiency is increascd by increasing Tos O Pre
or by decreasing the compressor inlet temperature Toy. It is clear that T,a and Py, should

be higher than 900K and three respectively to maximize the cycle efficiency.
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1.2.2  Second law analysis

I. Second law analysis enables the location and magnitude of all losses to be
identified.

2. Compressor and turbine irreversibilities are reduced with increasing turbine inlet

temperature Ty and increasing Pr increases them.

3. The combustor is the major source of irreversible losses for the gas turbine plant,

" nearly 40 — 60 % ol losses occur in it.

4. The second law efficiency is increased with increasing both Tez and Py or

decrcasing compressor inlet temperature (ambient temperature).

5. The maximum second law efficiency is obtained at Ty3 = 1200 k and Py = 3,
which is about 36% compared to maximum f{irst law efficiency which is about

24%.

6. Increasing P, increases the effectiveness of compressor, while turbine

effectiveness is increased by increasing To; and decreased by increasing P

6.3 Recommendations

For better improvements or modification of the gas turbine cycle, the following are

recommended:

[. The irreversibility of the combustor is the major source of losses. Thus, it is
recommended to design and select a suitable combustor, taking care of the actual

fraction of pressure loss across it.

2. Perform the calculations of design parameters of turbine and compressor based on

second law analysis.

3. Verification of the theoretical analysis of second law by comparing the obtained

results with actual experimental data.

4. The elfect of using the actual specific heat capacitics and air tables instead of perfect

gas assumption on the gas turbine performance.
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